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ABSTRACT

Calculations for predicting propeller-
induced ship vibrations at the design
stage involve the determination of four
essential factors: rigidity, mass, damping
and excitation, which the paper reviews
separately. It is concluded that, although
complex structural models yield a good
approximation of the rigidity as well
as the structural mass of the ship, there
is on the other hand a lack of fundamental
knowledge of added mass, damping and
excitation forces, and that this defi-
ciency is being filled by simplified

anastinnghlea
methods which are often questiconable,

However, where it is possible to deter-
mine the added masses with reasonable
approximation, a mass-rigidity model of
the structure will permit the reliable
determination of the ship's natural
frequencies and modes.

Also, difficulties inherent to any
full-scale measurement are pointed out,
and serve to partly explain poor corre-
lations between calculations and measu~
rements as have been recently reported
in the literature.

It is concluded that prediction of
the actual vibration behaviour of a ship
service conditions is not possible
at present. However, the response of
the structure to a single vertical force
of given intensity applied at the proper
location, for arbitrarily-chosen viscous
damping, can simulate, within the approxi-
mations introduced, the results of a
full-scale exciter test, and may allow
potentially dangerous frequencies to be
recognised so as to permit a reliable
choice of the number of propeller blades.
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The actual case of a 122,000 cubic
meters LNG carrier is studied in detail,
and serves to highlight some of the
problems encountered at the computational
as well as the experimental level.

INTRODUCTION

Vibration of ships is an ever-present
problem, which has in the recent past
received more and more attention. The
increase in the flexibility of ship

structures has been accompanied by an
increase in the propulsion power, result
in high vibrational levels with various
adverse effects both upon the structure
and equipment of the ship and upon the
comfort of passengers and crew. Althoug
much research has gone inte the developm
of mathematical models and the use of
sophisticated computer programs for dyna
analysis of these models, there are stil
grey areas, the neglect of which can leas
to disastrous errors in prediction.

It is the purpose of this paper to
review the various assumptions introduce
in analytical models used for the study
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show their influence on the final results
of the calculation, but also to stress
some of the difficulties inherent to

any full-scale experimental verification,
Imprecision in the measured data cannot
be avoided due to various factors, and
result in hardly convincing correlations,
even for the most sophisticated mathemati
models and the most carefully planned

and recorded experiments.

Progress in this domain is dependent
on a better knowledge of all the assumpti
involved both for the analytical model an
the experimental apparatus. The case of
a 122, 000 cubic meters LNG carrler, for
which both extensive calculations and
measurements have been conducted, serves

to illuminate the above remarks.
THE MATHEMATICAL MODEL

The dynamic analysis of any linear
elastic structure, be it represented by
a highly sophisticated finite element
model or a simple spring-mass system,
generally consists of two steps.

~First, the eigenvalues and corres-
ponding eigenmodes of the system are
calculated from the sole knowledge of
the stiffness and inertia (mass) charac~
terlstlcs of the system, since it is
common {and justified) practice to
neglect the effect of damping on the
free vibration behavicur within the

assumption of linearity.

-The response of the system to
any given excitation is then computed
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using the
requiring
forces as
teristics

mode superposition procedure,
a knowledge of the exciting
well as of the damping charac-
of the system.

Onlv in case one follows the above
Pleps, which involve a knowledge of the
iff inertia, damping characteristics
the s»stem as well as of the exciting
ce

< annlied to it, can one attach a
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value to the maximum displacement or
acceleration of a given point of the
structure under service conditipns.

On the other hand, knowledge of
the stiffness and inertia characteris-
tics of the system is sufficient to
obtain the eigenfrequencies and eigenmodes
of the structure and to reasonably
simulate the results of an exciter test
covering any given frequency range,
the damping factor in each mode have
been assumed, and taking into account
the fact that the magnitude and direction
of the exciting force is in such a case
known with a good precision.

We will show in what follows that
the latter approach is the only one
to be reasonably undertaken considering
our present knowledge of the four factors:
stiffness, inertia, damping and exciting
forces, which we will now study separa-
tely.

1. Stiffness

During the recent past, the finite
element method of analysis has rapidly
become a very popular technique for the
computer solution of complex preoblems
in structural mechanics. Basically, the
method can be understood as an extension
of earlier established analysis techni-
ques, in which a structure is represented
as an assemblage of discrete truss and
beam elements. The same matrix algebra
procedures are used, but instead of
truss and beam members, finite elements
are employed to represent regions of
plane stress, plane strain, axisymmetric,
three-dimensional, plate or shell beha-
viour.

A three-dimensional finite element

of the rnmhIpfn ship structure
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usually consists of membrane elements,
and involves a considerable extent of
structural lumping to account for the
extreme complexity of the actual ship
structure. Examples of models used

in static analysis are presented by
Roeren (1), together with an extensive
literature survey of pioneering papers
up to 1969. More recently, models
used in dynamic analysis may be found
1n the papers by Volcy et al. (2),

anmnesen L.}J, Risse [4;,
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Kavlie and Aasjord (5), among others,
some of these authors presenting

extremely elaborate models involving

thousands of degrees of freedom. A common
feature to all the models used is that the
aft part of the ship is represented using
a fine mesh, which gets progressively
coarser, the fore part being represented
either by a simple beam or a crude three-
dimensional prismatic model.

Increasing use of data generation
procedures linked to sophisticated graphi
devices has permitted to considerably redu
the actual time involved in building the
model as well as to diminish the risk of
errors, leading to ever precise models.
It is therefore only fair to state that,
at the present stage, correctly evaluating
the stiffness of a ship structure is only
a matter of computational effort, and that
most actual models yield quite satisfactory
knowledge of the stiffness factor.
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In the case of a 122,000 cubic meters
LNG carrier, the complete ship structure
has been idealised using a three-dimensional
finite element model of the afterbody
(aft peak, engine room and superstructures),
which is progressively connected to a two-
dimensional model of the fore part through
a transition part; the fore part is assumed
to behave as a two-dimensional structure
by reason of its slenderness.

The complete structure is made up of
six sub-structures. Fig. 1 depicts models
of the aft peak and of the engine room
so as to give an idea of the fineness of
the mesh used.

As we are solely interested in
symmetrical vibrations, neglecting
transversal and torsional modes, only
one half of the ship has been considered,
and appropriate boundary conditions
prescribed in the centerline and for
the model of the fore part to take the
condition of symmetry into account.

The complete model consists of:
2193 elements (beams and membrane elements)
608 nodes
1717 degrees of freedom.

For the solution of the eigenvalue
problem, the model has been reduced to
353 dynamic unknowns by static condensation
techniques.

2. Mass

The inertia characteristics of the
system consist of

i/the structural mass, which is
avtomatically computed at the element
level and then distributed among the
nodes once the density and the cross-
sectional area (beams) or equivalent
thickness (stiffened or unstiffened
plates)] have been given. It is easy to
check that the structural mass distribution
alongship obtained in this manner coincides
with that given by the hull mass curve,
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Fig. 1:

familiar to every naval architect.

ii/the mass of equipment and machi-
nery, which is entered into the model in the
form of point masses at the same location.

iii/the deadweight, consisting of
cargo, fuel, water, stores, ballast and
so on, also entered in the form of point
(lumped) masses distributed among the nodes
located on the boundaries of the compart-
ments to which these items are located.

iv/the added (hydrodynamic) mass:
the influence of the hydrodyhamic pres-
sure on the submerged surface of the
vibrating hull can be taken into account
through an additional mass term in the
usual equations of motion of the structure,
as was first shown by Lewis {6} and
Lockwood Taylor (7). This mass term,
which takes into account the effect of
immersion, is known as the added (virtual)
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Beam and plate model of the aft peak and of the engine room
used for the dynamic analysis of a 122,000 cubic meters
LNG carrier.

mass of the entrained water. Its
importance should not be underestimated,
as is too often the case.

The classical approach consists in
dividing the ship hull into sections,
each with uniform cross-sectional area,
around which the flow of water is assumed
to be twe-dimensional. Corrections
allowing for three-dimensional effects
are then introduced through the so-called
reduction factor J, defined as the ratio
between the kinetic energy of the exact
three-dimensional flow and the kinetic
energy of the approximate two-dimensional
flow, known only approximately and subjected
to empirical corrections.

It has now become obvious (8) that
such an approach, valid for the first
few modes of vibration of the hull girder,
for which the cross-section may safely be
assumed to remain undeformed, is not
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st2nt with the refined three-dimensio-
- Iinite element structural models which
2 presently used to obtain the higher
egquencies of vibrational modes of interes
in the range of the propeller blades fre-
quency, in which deformation of the ship

cross-section plays a paramount role.

A three-dimensional finite element
discretization of the fluid domain as well
appears to be mecessary in order to obtain
accurate values of the frequencies of
vibration in the range of interest.

By using fluid elements with curved
boundaries so as to allow a perfect

fit with the immersed pa~t of the hull,
such as those first described by Zien-
kiewicz and Newton (9), the connection
between water and the most complex structu-
ral geometries is rather easy to describe,
Since only one degree of freedom per

node (the dynamic pressure) has to be
considered, the computer time needed

for the effective calculation of the
added mass matrix is negligible in compa-
rison with the time required for the
complete structural analysis (10).

Fig. 2 shows the discretized model
of the water surrounding the hull of the
LNG carrier already considered. Twenty-
node isoparametric finite elements have
been used.

t,

The complete model of the liquid
domain includes 6 sub-domains and is
entirely described using
372 twenty-node isoparametric fluid elements
2229 nodes with one degree of freedom
per node
283 nodes in contact with the hull.

3. Damping

Contrarily to what has been said
above concerning rigidity and mass, the
present knowledge we have of damping
phenomena arising in complex structures
cannot be satisfactorily modelled, as
there appears to be a nearly complete
lack of knowledge concerning this topic.

In the case of a structure as complex
4s a ship, distinction should be made
between

i/the structural damping, which is
commonly treated as hysteretic. Hyste-
resis of the structural joints is much
higher than that of the ship hull material.
The main sources of joint damping are
working, slipping and fraying of overlap-
ping connected elements. An exhaustive
review of hull damping of internal origin
may be found in a paper by Betts et al. (11}.

Fig. Z: Finite element discretization of the water surrounding
a vibrating LNG carrier.
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ii/the cargo damping, of which even
less is known. The nature of the cargo
has a major influence on the damping.
Damping of solid cargo may be treated
as hysteretic, whereas damping of liquid
cargo is of viscous type.

iii/the hydrodynamic, or external,
damping, which may In turn be conve-
niently divided into four components:
water friction, resistance, radiation
and generation of surface waves. All
four compeonents are considered to be
of the viscous type. It is to be
noted that frequency has a major influ-
ence on the last three components.

Quantitative introduction of
damping in a model is therefore
extremely difficult and whatever
solution is finally retained can never
pretend to be all that satisfying.

The above remark serves as a justifica-
tion of the current practice, now
universally accepted.

Only global damping is considered, and
assumed to be of linear viscous type.

It is introduced in the model through

the so-called damping matrix.

The complete set of equations of
motion of the complete structure may
now be written in matrix form as

M1§ +1CJ4 +[Kiq = Q(t) (M
equation in which

[}f11s the mass matrix
fC1is the damping matrix
[K]is the stiffness matrix
q is the vector of {(unknown) nodal
displacements
Q(t) is the vector of (known) applied
nodal forces

Moreover, damping is assumed to
be proportional, an assumption which
results in decoupling the set of
equations of moticon (1) when the so-
called normal coordinates r are
introduced. System (1) may then be
rewritten under the form of n inde-
pendent equations, n being the total

numher of Hngrnp: of freedom of the
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structure,

2
fi+ 2 Ly . 0+ wy Ty Ri(t)

i=1, 2,...n (2)

Z3 is the damping coefficient for the

i-th mode.

It can be shown that this assump-
+imn 32 walid 3F +ha Adamninog matrix ig
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a linear combination of the stiffness
and mass matrix:

C=a K+ pM (3)

S =

Hylarides (12) assumes a viscous
damping which 1s proportional to the
stiffness, i.e. lets B equal to zero
in Eq. (3).

In usual practice, damping is
characterized as a percentage of
critical damping for each mode. This
is obviously not a very good assumption,
since it leads to a global value of
damping which is the same everywhere
in the structure. Moreover, most
computations until now have considered
the same value for this coefficient in
each mode, when it should be obvious
that modal damping cannot have the same
value in vibrations of the hull girder
or in local vibrations of the superstructure,
for instance.

The simplifying assumptions described
above may seem quite arbitrary. However,
it should be pointed out that, under
our present state of knowledge of damping
phenomena, a more elaborate introduction
of damping, e.g. via a full damping matrix
obtained from experimental tests on similar
ships, would seriously increase the computa-
tional effort without real comparable
increase in the precision of the solution.

Such assumptions are the reflect of

a compromise between a realistic model and
a model which can be apprehended on a com-
putational level, a situation arising in
various modern disciplines. This philoso-
phy may be endlessly discussed, We will
only conclude that the current approach
cannot entirely satisfy the engineer who
is above all concerned about reliable
results. This engineer will wish that
more research of both fundamental and
applied nature be undertaken so as to con-

firm the 17::11:-111'\7 of the linear viscous
thc valldity LA Llhear V1s5Cgeus

model. In case it is proven to be

a good assumption, it will then be the
task of the researcher tc characterize
values of the damping ceefficient in
various modes for ships of a comparable
nature, a task which has yet to be under-
taken.

4, Excitation

Since the determination of the
sponse of the structural system to a give

Tespor the structural gi

excitation requires knowledge of both
damping and exciting forces, it is appa-
rent by now that a prediction of the
behaviour of a ship under service conditions
or even a simple exciter test, i.e. the
computation of displacements and accelera-
tions at specified points of the ship, is
simply unrealistic, no matter to what degree
of precision are the exciting forces

known. On the other hand, it might also

be said that comparison of the results of
calculations and measurements vield by
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identification, for a given excitation,

useful values of the modal damping coefficients
which could be stored after they have been
sorted according to ship type and mode
characteristics, therefore constituting




some sort of a catalog of damping
coefficients which could be used in
future calculations of similar ship
types. An excliter test provides the
ideal setting for such correlation.
On the other hand, the situation is
not quite so simple when actual
forces encountered during service
conditions are to be considered.

For large, modern ships, the
propeller is the source of the main
excitation forces. Since the
propeller works in an uneven wakefield,
thrust and torque variations are
transmitted to shaft and bearings.
the same time, propeller

At

hlade cavitation

causes large pressure fluctuations on

the hull. Although of the same origin,
the fluctuating loading and the fluctua-
ting hull surface pressures are of quite
different character and request different
treatments for their computation as well
as for their introduction into the
model .

i/Dynamic loading on the propeller:
its calculation implies that of the pres-
sure distribution on the propeller blade
during one full revolution for a given
propeller geometry and a given hull
wake field.

The traditional approach using the
so-called lifting line theory has been
modified inte so-called lifting
surface methods featuring a sounder
mathematical basis, but still making
extensive use of correction formulae
and tables based on systematic model
tests.

Although some of the assumptions
introduced are quite restrictive, such
methods give reasonably accurate values
of the dynamic loading on the propeller.
Integration of those yields the resulting
forces and moments acting on the shafting
system, which are introduced into the
model at the nodes coinciding with the
bearings.

ii/Propeller~induced hull surface

ressure: the loading on the propeller
1s partly transmitted to the hull through
the surrounding water. The main problem
is that of finding the propeller-induced
11
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assumptions made when calculating the
loading on the propeller, since it had
been assumed that the pressure distribu-
tion on a blade was not affected by the
presence of hull and water surface. The
introduction of solid boundaries and a
free surface will therefore change the
pressure f£ield in a way to be precised
in a quantitative manner.

Various analytical approaches have
been proposed. Without going inte
details, it suffices here to reference
the works of Breslin and Eng{13)} and
Vorus (14), both offering an elaborate

.
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mathematical tyeatment of the problem.
However, a numerical solution of the
compiete problem, in view of the extreme
complexity in shape of the aft part of

a ship as well as of the nature of the
mixed boundary conditions, appears to

be very tedious but also very unreliable.
This explains why the empirical approach
via the so-called solid boundary factor

S 1s still very popular with naval archi-
tects.

Although the amplitude of the
pressure pulses decreases rapidly
with the distance from the source, the
pressure forces from the propeller may

c+4111 ha rtant even 1qf11rn1v -F:!-r-
still be important even rela
from the propeller plane. It should

also be remembered that the pressure
pulses propagate with the velocity of
sound in water, and therefore that
pressure pulses at p01nts away from the
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to the reference signal at the origin.

It may therefore be concluded that
the present knowledge of propeller-induced
hull pressures is far from being satisfac-
tory. The precision cannot be compared
with that obtained for the dynamic loading
on the propeller.

Even if the dynamic pressure were
known at each point of the surface of the
hull, practical input of all this informa-
tion at each node of the hull as well as
processing the data to obtain the response
of the structure would represent a formi-
dable, if not prohibitive, task. The
only way to obtain the value of nodal
forces is to integrate the pressure over
portions of a complex surface. The
resulting dynamic loading will exhibit
different phases in different points,
and practically the only way to obtain
the response of the structure is by
surimposing the individual response to
a single harmonic excitation applied
successively to each degree of freedom
of the hull, leading to fantastic
computaticn times.

By contrast, the response to the
propeller forces is easy to obtain.
However, it has not been proven that
the response to the propeller-induced
hull surface pressure is negligible
in comparison with the response to the
dynamic loading on the propeller itself,
and both contributions should be
considered.

EXPERTMENTAL INVESTIGATIONS

The dynamic behaviour of a linear
structure is completely described by
the transfer function or response ampli-
tude cperator concept.

Measurement of the transfer function
is well known practice. However, in the
case of a ship, it involves particular
aspects due to the large size and complexi-
ty of the structure considered.




These are:
-choice of the exciter and of the
excitation type
-choice of exciter location
-choice of an experimental procedure
insuring the scientific quality of
measurements. Among varicus quality
factors, attention has been mainly
paid to experimental results reproduc-
tibility which has to be checked through
both time and space variations,

Before any correlation study between
theoretlcal and experlmental data is
undertaken, the experimental procedure
should allow for satisfactory checking

of basic theoretical assumptions.

Experimental procedure
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The large mass and stiffness of the
structure under investigation requires
a powerful exciter, the amplitude of the
exc1t1ng force be1ng preferably larger
LIldIl LU 1\1\1 LlngllJ.)’ 4 I..Ullbj J.Jl L]lU
frequency range of interest.

Two different types of exciter have
been used up to now by the shipyard in
charge of measurement:

-hydraulic exciter: a large mass
(5 tons) driven by a hydraulic jack up
generates inertia forces. The motiecn
of the mass is controlled by electronic
devices through a servo valve.

Advantages of this system are
numerous:
-easy control of the excitation using
low frequency signal generator
-possibility of generating high xcitatio
forces at very low frequency by increasin
the amplitude of motion
-the time needed for a complete experiment
can be shortened by using random, white
noise type, excitation and by obtaining
the results through statistical analysis
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However, the sophistication of the

equipment designed for laboratory work

is not adapted to sea trials environment;
furthermore, when this type of exciter

is used at sea, ship motion, and mainly
roll, can lead to difficulties as far as
the guiding system of the mass is concer-
ned.

~unbalanced-mass exciter: a constant-
speed electric motor drives two unbalanced
masses through an electromagnetic clutch.
This thyristor controlled clutch is
suitable for electronic remote control
¢f rotation speed of the masses and
therefore of excitation frequency.

The excitation force is basically
sinusoidal, but a special remote control
device allows slow frequency sweep over
the whole frequency range.

The generated force is proportional
to the square of the frequency, and the
structure of the exciter is designed for
a maximum load of 196 kN (roughly 20 tons).
The maximum frequency at which a force of
this magnitude is generated is function of
the unbalanced masses. Two different
sets of masses may be used, leading to
two different maximum frequencies, that is
14 Hz for large masses, 25 Hz for small
masses.

This heavy duty type of exciter was
selected for the experimental analysis
presented here though it is not suitable
for very low frequency excitation due to
the weakness (below 3 Hz)} of the exciting
force leading to a poor signal to noise
ratio.

This tvpe of exciter has been develo-
1511 L)"PC Ul CaAaLlLel llddy UCCll ucocvioiawy
ped by Bureau Veritas; model E 20,000

was used for this experiment.

ii/Exciter location
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In order to excite most of the
calculated natural modes, it was decided
to locate the exciter at the extreme
aft end of poop deck, the excitation
forces acting vertically. Besides, this
location is adapted to a rough simulation
of actual plUpCllCI‘LuuuLCu surface forces,
and the experimental analysis is then
expected to supply actual critical
frequencies of the structure as far as
propeller-excited vibrations are concerned.

In order to insure proper transmis-
sion of exciting forces to the structure,
the exciter is welded on the deck. Local
reinforcements were also decided in order
to increase the local stiffness of the
supportlng structure and eliminate local
VlDTdIlOﬂb OI a pdrdbltlL nature.

iii/Pick-ups location

Above 3 Hz, most of the mode shapes
may be reasonably identified by measuring
the vertical deformation of engine room
double bottom, of poop and upper deck, and
the fore and aft deformation of deckhouse
front bulkhead. Fig. 3 shows the location

of the 14 selected pick-ups.

Fig. 3: Transducers location g
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iv/ Measuring equipment

Vibrations are detected by servo-
accelerometers delivering a low impedance
signal with a sensitivity of 100 mV/g
(g = gravity acceleration 9.81 m.s™ ).
The signals go through a multichannel
amplifier that multiplies sensitivity
by a factor 10 and their through low-
pass filters with cut off frequency of
32 Hz in order to eliminate high fre-
quency noise. A multi-channel magnetic-
tape recorder stores resulting experi-
mental data.

In order to get a phase and frequency
reference of excitation force, a photo-
cell delivers an electric pulse every
time unbalanced masses of the exciter
pass through a known position, the
angular position of which is refered to
excitation force maximum amplitude (= 0°
phase reference}.

While measuring, this Ttpm pulse
signal is fed into a digital frequency
meter that gives a precise measurement
of excitation frequency when pure sinu-
sofdal testing, with step by step increase
of frequency, is carried out.

v/ Measurement progzam

An extensive measurement program was
decided in order to check theoretical
calculation assumptionsand reproductibi-
lity of cxperimental data through varia-

tinns (\F avritatinn mnds and savynerimantal
tions excitation mode and experimental
conditions,

First, in order to measure a proper

influence of water added mass, all the
experiments are to be carried out in

open sea with a depth of water below keel
larger than 50m according to theoretical
calculation conditions.

Previous similar experimental inves-
tigations performed on the same ship in
harbor alongside the quay and in open sea
had already shown drastic change in
transfer functions pattern.

- Checking of theoretical assumptions

The main theoretical assumption is
the linearity assumption which is equi-
valent to the assumption of viscous
damping.

Thater -Jr-fn 'I Aamning 1e mwrmcnmab sy
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net linear, s mall valve of steel struc-

ture damping sheculd confirm the rightness
of this assumption.

In order to check structural linearity,
the experimental analysis was repeated
with two different sets of unbalanced
mass, the ratioc of exciting forces at the
same frequency being 0.32, With the set
of lerge mass used throughout the expe-
rimental investigation, exciting force
reaches 20 tons at 14 Hz. With smail mass,
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force is only 6.3 tons at 14 Hz.

For the linearity assumption to be
acceptable the transfer function should
be similar in both cases.

The hydroelasticity problem is formulated
in such a way that there is no radiation
condition at infinity. In other words,
surface wave generation 1s neglected and
fluid dynamics is only described by a
single scalar pressure term.

As a comsequence of this assumption,
gigtent with hich Frﬂqupnr‘}r vibration
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compared to seakeeping vibration, there
should be no effect of ship forward speed
on added mass and so on structural transfer
function. Experiments are then to be
repeated at maximum speed just after having
cut off shaft power, during the ship speed-
ing down and once more with zero forward
speed.

con

- Repreductibility of experimental data

The way experimental data reproducti-
bility can be guaranted is twofold

# Time variations measuring process
is to be repeated in similar envi-
ronmental conditions

* Space varilations measuremehts are
to be carried ocut on two sisterships
which are refered to as ship 1 and
ship 2 in the text.

Loading conditions of both ships are
of premium importance for the results to be
comparable.

For both ships, displacement and trim
are similar:

Aft draft :10.5 m

Fore draft : 7.5 m
5o that there is no change of water

added mass distribution from ship 1 to
ship 2.

Y

50C,

]

L

:

- T T T

- + v = ~ = o W ':\ﬂj;E

P08 83 4 & R EE 5 2 oRE

3 0z ¥z ¢ & 4 ¥8 % 3 @oai ¢
Fig. 4 : Water ballast weight distribution
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But, as shown Fig. 4, the water
ballast weight distribution are not
identical

In ship 1 all the cofferdams are empty

but the aft ballast is partly filled. In
ship 2 the aft ballast is empty but coffer-
dams are full. Nevertheless, the weight
Aictmihiidinan afdwrnnl e R G

distribution driwWara UA. Ill.d-l.lll.l“’-‘ly FOOm

front bulkhead is the same for both ships.

These differences should lead to
small modifications of the results.
However, a fundamental similarity is to
he ~Aaheavirad L4 [ Y R R
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of ship vibration to make sense.

Ship 1 weight distribution corresponds
exactly to theoretical calculation data.

Experimental investigationswere car-
ried out during official sea trials and the
time required by experiment was to be
shortened as much as possible. This is the
reason why sine sweep excitation mode was
adopted. The automatic sweeping rate of
the exciter is about 1.4 Hz per minute so
that a complete speeding up or down of the
exciter in the 3-14 Hz range would last
about 8 minutes while a pure sinusoidal
excitation mode with step by step change
in frequency requires more than an hour.
However, such a step by step procedure was
performed once in order to check that the
type of excitation had no influence on the
resulting transfer functions. As a matter
of fact, due to presumably low damping
coefficients (of the order of 1% of critical
damping) it was felt that sweeping rate
could be too fast for low frequency reso-
nance vibration to build up at maximum
stationary amplitude.

) As the energy spread over the structure
is not constant in the frequency range of
interest, a possible influence of sweeping
mode, decreasing or increasing of excitation
frequency and force, was also to be checked.

Not to lengthen the sea trials progranm,
the opportunity of carrying out experimental
investigations during mooring trials with
ship at anchor was taken. The calculated
natural mode shapes showing small deformation
in the fore part of the ship, this proce-
dure was considered acceptable if compared
to similar results obtained with ship
drifting along.

vi/ Data processing

It was performed by a digital proces-
sing system programmed for random vibration
analysis by Fourier transform.

The absolute value of transfer func-
tions was obtained by dividing the ampli-
tude of the signal at a considered frequen-
cy by the known amplitude of excitation
force at this frequency. For sine sweep

excitation the frequency resolution was

e e

that of the data processor i.e. 0.16 Hz.

For pure sinusoidal excitation the
resolution was selected aboard the ship
at 0.1 Hz.

Between measuring period, the step by
step change in frequency was carefully
P e P ™ Hy. [ A P
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meter.

The phase of transfer functions was
obtained in two steps :

First the absolute phase of a reference
signal with respect to excitation force
was measured by analog means.

The vertical vibration at transom,
lose to the exciter, (pick up 1V),was
elected as the reference point.

w N

Then, the phase differences between
all measuring points and the reference
signal were automatically obtained by the
data processor through cross spectrum cal-
culations. The combination of both steps
leads to the absolute phase of all points.

Rather than providing the reader with
columns of numbers, it seemed better to
select the significant results and to pre-
sent them in graphical form.

Complete transfer functions are only
given for two characteristic points :
vertical vibration at transom (1V)} and lon-
gitudinal vibration at wheelhouse deck (3L).

The behavior of other points is describec
at resonance by means of mode shape type
representation.

Experimental data analysis

i/ Verification of theoretical assumptior
and influence of experimental conditlons

The linearity of structural response is

shown Fig. 5 which represents absolute
value of c:h'!p 2 reference noint transfav
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functions with the two different sets of
unbalanced mass. Both curves are almost iden-
tical except in the 8.5 - 9 Hz region where
slight discrepancies are noticeable. An

explanation for these discrepancies will be
proposed later.

As far as effect of forward speed on
added mass distribution is concerned, the
observed differences between experlmental

results obtained with an average speed of
1? knots and I.!‘!‘I‘h thae chin at vract avra withir

KA T S qlld SiiAY SHAP a4+ IS0 alv within

experimental accuracy. In the propeller
induced vibration frequency range, free sur-
face influence on added mass distribution is
then presumably negligible.

Regarding the influence of excitation
mode, sine sweep or pure sinusoidal,on the



results, it seems that the slight observed
discrepancies can be explained by the dif-
ference in frequency resolution. For ins-
tance, the finer resolution of pure sinu-
soidal excitation mode can lead to the
separation of what was observed as a single
resonance peak with sine sweep mode, into
two adjacent peaks,

Fig. 5. Structural Linearity Check (Ship 2)

Large unbalanced mass
————— Small unbalanced mass

ii/ Transfer functions analysis

Fig. 6 and 7 show reference point
(vertical vibration at transom) and wheel-
house (longitudinal vibration) transfer
functions. Continuous linescorrespond to
ship 1 while dotted lines describe ship 2
dynamic behaviour.

As a general comment, it can be obser-
ved that the dynamic response of both ships
are indeed comparable in amplitude and
phase.

Before analysing thse curves in detail,
the covered frequency range can be decom-
posed into four regions.

a- Below 4.25 Hz : due to the type of
the exciter, a low frequency exci-
tation was poor but yet a typical
resonant figure is observed.

b- Between 4 .25 Hz and 6.25 Hz : both
curves show no significant dynamic
amplification.

c- Between 6.25 Hz and 10,25 Hz.: g
rather high density of resonant
peaks comes out.

d- Over 10. 25 Hz : the vertical stern
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Fig. 6. Transfer Function

Vertical Vibration at Transom
(point 1V)

Transfer Function

Fore & Aft Vibration at Wheelhouse
Deck (Point 3L}




response decreases steadily while the

phase tends to 180°. The wheelhouse

response still shows some small variations

but the mean phase keeps on decreasing

regularly.

COSINE
Ship 1 shows a rescnant peak at 3.85 I

Hz. The corresponding dynamic deformation

of the whole aft structure is given Fig. 8 7

where the upper sketch corresponds to the f

cosine part and the bottom one to the sine . ;

part. The vertical deformation of the hull 19 HZ '

is typical of a high order hull girder type .

mode with a mode located somewhere in the = ,7(

rear part of main deckhouse, The longitu-

dinal motion of deckhouse is a geometrical

consequence of hull deformation. The non

negligible out of phase deformation shown

on sine representation may be explained by

a combination of two adjacent natural modes.

Tnis is confirmed by the analysis of ship 2

transfer function. As a matter of fact,

ship 1 curves correspond to sine sweep ex-

citation mode but ship 2 was investigated COSINT

by means of pure sinusoidal excitation and /F’\

3.8Bmgy ton
o

the corresponding finer frequency resclution
shows two separated peaks at 3.9 Hz and 4.1

Hz. As far as mode shapes are concerned, ] ‘ [ 78maiten
the former peak is similar to ship 1 defor- ‘
mation while the latter peak shows an impor- 4.0 HZ W
tant participation of deckhouse longitudi- !
nal motion (see Fig.9). =7z bl gl LS =

COSINE

VJ/ T Fig. 9. Ship 2 - Structural Deformations
AT T

The difference in water ballast weight
distribution between ship 1 and ship 2 have
very little effect on the natural frequencies
but the mode shapes show some variations. So
do maximum amplitudes at resonance but the
influence of excitation type on such a low
frequency mode may be significant as said
earlier in the text.

In the middle frequency region (6.25 -
10.25 Hz) several resonant peaks are shown
on the graphs :
$3 mg/ton
3.85 HZz Ship 1 Ship 2
SENE

6.7 Hz 6.6 Hz

/5 7.5 Hz 7.75 Hz

L 8.2 Hz 8.3 Hz

8.7 Hz

_7/_ _________ 9.3 Hz g, Hz

The modal deformation corresponding to
ship 1 resonances are given Fig. 10 through 13.

[
(%]

R S The first three modes show hull girder
= i type vertical deformation with two nodes
moving aft as frequency increases.

Fig. 8. Ship 1 - Structural Deformations
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Ship 2 modal representations are very
similar though maximum amplitudes may be
different (8.2 Hz) and though natural fre-
quencies are slightly shifted. An explana-
tion for these differences is to be found
in weight distribution variation from ship
1 to ship 2.

Ship 1 5.3 Hz resonance peak is rather
wide and may well integrate several indi-
Aidual natural modes such as 8.7 and 9.2 Hz
peaks observed on ship 2.

Fig. 11, 9.3 Hz modal representation
shows a more intricate dynamic behavior
with opposite phase of main deck and engine
room double bottom deformation. Ship 2 shows
similar behavior at 9.2 Hz while at 8.7 Hz
the upperdeck deformation shows four nodes
from deckhouse front bulkhead to transom
but the phases between measuring points
are far from the ideal 0°-180° figure of
pure mode shapes.

The fast decrease of stern dynamic res-
ponse after 9.3 Hz is translated in phase
representation by a rather steady variation
toward opposite phase between response and
excitation. Yet the longitudinal weelhouse

response still shows some peaks after 9.3 Hz.

Such a dynamic behavior is typical of a
local resonance of exciter supporting struc-
ture. The resonance presumably takes place
around 8.8 Hz. As a matter of fact, it indu-
ces longer vertical motion of the exciter,
modifying lcocal damping characteristics in
such a way that overall dynamic behavior

may no longer be linear about 8.8 Hz. Tt
must be recalled that such non linearities
were observed on Fig. 3. The main conse-
quence of this unexpetted local resonance

is to modify natural frequencies through
dynamic coupling effect but mainly to dras-
tically change the intensity of exciting
force which is actually transmitted to the
main structure. Because of the obviously
small damping characteristics of this local
resonance, it induces presumably an increase
of actual excitation force in the 7 - 9 Hz

Foct Aarwnan B Araan
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9 Hz.

As a consequence, experimental data
must be analysed with carefulness in the
high frequency range. We can simply state
that there exist several natural modes
over § Hz. Among these slightly noticeable
modes, one can mainly distinguish

Ship 1 Ship 2
10,4 Hz 10 7 Hz
12.5 Hz 11,9 Hz

Corresponding mode shapes clearly
show shear deformation of deckhouse,while
in the lower frequency range superstruc-
ture behaviour was mainly of the rigid
hody motion type.

Conclusions of experimental investigations

First,experimental data analysis has
led to some theoretical assumptions veri-
fication.

The second aim of this important expe-

rimental campaign was to establish the basis of a

correlation study with forced vibration
calculations.

Because of local exciter supporting
structure resonance which cannot be predicted
by calculations,because of a not fine enough
finite element representation of this locail
structure, the correlation will have to be

studied within unexpected limits. Nevertheless,

for the correlation to be satisfactory, the
following precise characteristics will have
to come out of theoretical analysis

a - satisfactory correlation with 3,9 Hz
dynamic amplification in both frequency
and amplitude with possible influence of
two adjacent modes at 3.85 and 4 Hz.

clear recognition of a 4,25 - 6 Hz fre-
quency range with no definite dynamic
amplification

in the 6.5 - 9.5 Hz range the correlation
will be mainly focused on free vibration
analysis (natural frequencies and mode
shapes). Because of the above mentioned

local resonance,calculated forced vibration

response amplitude should be smaller
than measured ones.

In the 10.4 - 13 Hz frequency range,free
vibration analysis should give several
natural modes with high deckhouse dynamic
participation.

COMPARISON BETWEEN CALCULATIONS AND MEASUREMENTS

Using the mathematical model described
in the first part, a free vibration analysis
has been carried out by solving the conven-
tional eigenvalue problem : 45 natural modes

hawns haan fAaiimA hatwan
have been found between zero and 20 Hz and

all those within the range of interest for
the afterbody vibrations (6 - 15 Hz) are
given in Table 1 with their description,

We can note that most of the modes are
located in the afterbody with a more or less
important participation of the different parts
aft peak, engine room and superstructures.

At this stage of the analysis (free
vibrations), it is difficult to predict the
most dangerous modes of vibration for the
structure but we can compare the natural
modes by using the concept of generalised
mass {m,=¢ 7+ My.), associated with mede ¢.
and proﬁor{ionﬁl" to the kinetic energy
of vibration. Table 1 shows that the mode
at 10.253 Hz may be the most important after
the (local) mode at 7.014 Hz.

From the set of natural modes, it is
easy to obtain the frequency response of the
structure by modal superposition procedure
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TABLE 1 Natural modes
Mode | Frequency Description Generalised
fiumber (Hz) ‘. mass
(ton)
12 i 7.014 . vertical local (ER) 164.
13 7.304 | vertical local (TP) + vertical (FP) 8256.
14 7.404 ' vertical (AP+ER+FP) 5962,
15 8.280 vertical (AP+ER+FP) 37717,
16 B.616 vertical and longitudinal {AP+ER+S) 3696,
17 5.08% vertical (AP+ER+FP) 5306.
18 9.796 longitudinal (AP+ER+S) 35035.
19 10.029 vertical local (FP) 1539,
20 10.253% { vertical (AP+ER)+ longitudinal (3} 511.
21 10,602 i longitudinal (AP+ER+S) 797.
22 11.404 longitudinal (AP+ER+S) 1486,
23 11.798 vertical (AP+ER) 4110,
24 12,925 longitudinal (AP+ER+FP) 3550.
25 13.373 vertical local (ER) 2758.
26 13.472 vertical (FP) 2584,
27 13.628 longitudinal (S) + vertical (AP+ER) 1571,
28 14.190 " " 326.
29 14.749 " + " 1478, ;
i
A.P. = Aft peak
E.R. = Engine room
5. = Superstructures
F.P. = Fore part
T.P. = Transition part

in order to simulate measurements with
harmonic exciter. We have to introduce )
damping in the dynamic equations of motion
here, damping is assumed to be a fraction
(1%) of the modal critical value. Such a
relatively low value of damping has bgen
chosen because of the ballast condition
of the ship.

Fig. 14 - 15 show the frequency .
response at transom (in vertical direction)
and at wheelhouse deck (in lengitudinal
direction).

14 - Vertical acceleration at
transom

Fig.

- Longitudinal acceleration at
wheelhouse deck

Fig. 15

By correlation with measurements, the
3 principal resonances can be.lmmedlately
distinguished and are listed in Table 2.
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carried out at IRCN

. and at BSRA (Catley
MEASUREMENTS | CALCULATIONS other institutions.
Frequency Frequency (fc—fm)/fm (1)
(Hz} £ {Hz}
m c
6.72 7.014 4.4 %
8.08 8.616 6.6 %
9.36 10.253 9.5 %
£~

TABLE 2 - Frequency of the principal peaks,
obtained by experiments and cal-
culations.

With the exception of these 3 modes, it
is quite difficult to identify the cal-
culated modes with measurements; this dif-
ficulty can be explained by the "fact that

the measured response is a combination of

modes and therefore is no ionger a natural
mode of vibration. So, we will restrict the
correlation to the only 3 principal modes
of the afterbody.

rence hetween measured accel-

LR LR S LW Moasulicl aLilicl

1 =
eration and calculated amplitude of response
appears to be significant due to the lack
of knowledge concerning damping.

However, we consider that it is now,
and will be for a long time, quite impos-
sible to predict the exact amplitude of
the response but it is first of major im-
portance to be able to detect the principal
modes of vibration which may be eventually
the most dangerous for the vibratory level

nf the chi
Vi Lll\-r aAlJ.l.l-

CONCLUSIONS

The fluid finite element discretization
used enables us to deal, more accurately
than the conventional approach, with the

dynamic fluid-structure interaction which
plays a significant role in ship vibrations.

It is now possible to determine with

a suitable accuracy the set of natural modes

of a ch1p and pnrf1rn1ﬂr1y of the afterbgdv

in a frequency range (5 - 15 Hz) which was
not accessible by calculation using conven-
tional added mass.

Introduction of arbitrary but realistic
damping and unitary excitation in the dyna-
mic equation of motion, permits to compare
the relative influence of the natural modes
on the frequency response and thus to detect
the potentially dangerous modes of vibra-

tions of the afterbody.

The first step (free vibrations) of a
ship dynamic analysis appears to be nume-
rically apprehendable in a satisfactory
manner now. The next step (analysis of the

vibratory level in service) still needs
numerous correlation studies between cal-

Adnaant ITibaaellil sLkRUivs

culations and measurements by structural
identification in order to better characte-
rize parameters such as damping : a better
knowledge of damping should be the first
step in this direction. In this respect,
nvfnns'vp mpﬂcnrpmpnf: rnmnn1onq have hPP

extensive campaigns
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